Abstract: Hydraulic turbines exhibit total load rejection during operation because of high fluctuations in the grid parameters. The generator reaches no-load instantly. Consequently, the turbine runner accelerates to high speed, runaway speed, in seconds. Under common conditions, stable runaway is only reached if after a load rejection, the control and protection mechanisms both fail and the guide vanes cannot be closed. The runner life is affected by the high amplitude pressure loading at the runaway speed. A model Francis turbine was used to investigate the consequences at the runaway condition. Measurements and simulations were performed at three operating points. The numerical simulations were performed using standard k-ε, k-ω shear stress transport (SST) and scale-adaptive simulation (SAS) models. A total of 12.8 million hexahedral mesh elements were created in the complete turbine, from the spiral casing inlet to the draft tube outlet. The experimental and numerical analysis showed that the runner was subjected to an unsteady pressure loading up to three-times the pressure loading observed at the best efficiency point. Investigates of unsteady pressure pulsations at the vaneless space, runner and draft tube are discussed in the paper. Further, unsteady swirling flow in the blade passages was observed that was rotating at a frequency of 4.8-times the runaway runner angular speed. Apart from the unsteady pressure loading, the development pattern of the swirling flow in the runner is discussed in the paper.
Introduction
Hydraulic turbines are used extensively to stabilize power grids, because they can restart rapidly and/or change the power output according to the real-time demand. In recent years, a continuous increase in grid-connected wind and solar power has resulted in problems related to power grid stability and reliability. There have been an increasing number of incidents of power fluctuations in the grid network [1] . When the grid parameters fluctuate beyond a manageable limit, the generator of the hydraulic turbine automatically disconnects from the grid, resulting in an unexpected transition into no load conditions (i.e., total load rejection). Consequently, the turbine runner accelerates to a runaway speed within a few seconds [2, 3] . The runaway speed is generally more than 150% of the synchronous speed. However, the acceleration rate for axial and other radial flow turbines may vary because this rate depends on the rotating masses, the load and the operating condition. Under common conditions, stable runaway is only reached if after a load rejection, the control and protection mechanisms both fail and the guide vanes cannot be closed. At the runaway condition, the runner is subjected to a very high amplitude unsteady pressure loading and significant vibrations that cause the blades to fatigue [4] [5] [6] [7] [8] . Figure 1 . Locations of the six sensors for pressure measurements at runaway operating condition: VL01, vaneless space; P42, blade pressure side; P71, blade pressure side trailing edge; S51, blade suction side; DT11 and DT21, draft tube cone; GV, guide vane; Interface-I and Interface-II correspond to the inlet and outlet of the rotating domain, i.e., the runner. 
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Stationary Domain Rotating Domain VL01 DT11 DT21 P42 P71 S51 r * = r/RM The measurements were divided into two parts: (i) evaluation of the performance characteristics, and (ii) evaluation of the runaway characteristics. A constant efficiency hill diagram was constructed to evaluate the turbine performance under normal operating conditions. A maximum hydraulic efficiency of 93.4% was observed for a guide vane angle () of 9.9°, a runner angular speed (n) of Figure 1 . Locations of the six sensors for pressure measurements at runaway operating condition: VL01, vaneless space; P42, blade pressure side; P71, blade pressure side trailing edge; S51, blade suction side; DT11 and DT21, draft tube cone; GV, guide vane; Interface-I and Interface-II correspond to the inlet and outlet of the rotating domain, i.e., the runner. The measurements were divided into two parts: (i) evaluation of the performance characteristics, and (ii) evaluation of the runaway characteristics. A constant efficiency hill diagram was constructed to evaluate the turbine performance under normal operating conditions. A maximum hydraulic efficiency Energies 2016, 9, 149 4 of 22 of 93.4% was observed for a guide vane angle (α) of 9.9˝, a runner angular speed (n) of 335.9 rpm, a net head (H) of 11.9 m and a discharge (Q) of 0.2 m 3¨s´1 . This condition is regarded as BEP in the paper. A detailed analysis of the performance characteristics has been discussed in a previous publication [4] .
Three angular positions of the guide vanes were used for the measurements at the runaway condition: 3.9˝, 9.9˝and 12.4˝. A frequency controller coupled to the generator was used to increase the runner angular speed. The speed was increased until the shaft torque reached zero, while maintaining the same position of the guide vanes, i.e., 3.9˝. A similar procedure was followed for the other two angular positions of the guide vanes. Table 2 summarizes the observed parameters at the runaway and BEP conditions. The runaway speed (n R ) for all of the points was more than 150% of the turbine synchronous speed (n) at BEP, i.e., 5.53 Hz. The runaway speeds for the angular positions of the guide vanes at 3.9˝, 9.9˝and 12.4˝were 8.12, 8.74 and 8.84 Hz, respectively. The discharge (Q R ) was lower at the runaway conditions than at the BEP, as expected. At the constant angular position of 9.9˝, the discharge values at the runaway and BEP conditions were 0.08 and 0.2 m 3¨s´1 , respectively. The shaft torque (T), i.e., the torque to the generator, was almost zero at all of the runaway points. The shaft torque at the BEP was 621 N m, i.e., 75% of the maximum load. The Reynolds numbers were 2.8ˆ10 6 to 3.02ˆ10 6 during the runaway conditions. 
Numerical Model

Computational Domain
The commercial software ANSYS was used to create the geometry and mesh in the turbine. The computational domain is shown in Figure 2 . The domain included three sub-domains, a distributor, a runner and a draft tube. The inlet and outlet boundary locations are identical to the actual measurement locations. The mass flow inlet boundary was prescribed at the casing inlet, and an opening type boundary condition with static pressure was prescribed at the draft tube outlet. The entrainment static pressure at the draft tube outlet was prescribed. The advantage of this boundary condition is that it allows recirculating flow at the draft tube outlet. General grid connection Type 2 interfaces were used to connect the rotating domain. Interface-I was placed between the distributor and runner. Interface-II was placed between the runner and the draft tube.
Three turbulence models, standard k-ε, shear stress transport (SST) and scale-adaptive simulation (SAS), were used to resolve/model the flow [17] [18] [19] [20] [21] [22] . A high resolution scheme was enabled to calculate the advection terms in the discrete finite volume equations. A backward Euler, second-order accurate, implicit time-stepping scheme was enabled for the unsteady analysis. The total simulation time was two seconds, which was equivalent to 15 revolutions of the runner. The final simulation was initialized with the unsteady simulations performed with the SST model for one second. The periodical flow condition was observed after one complete rotation of the runner. The time step size and convergence criteria were selected considering information available in the literature [4] [5] [6] [7] [8] [9] [10] [11] [12] [13] [14] [15] [16] [17] [18] [19] [20] [21] [22] . The convergence criteria for the mass, momentum and turbulence parameters were set to a root-mean-square (RMS) Continuous blocks of a hexahedral mesh were constructed in each domain to prevent local interfaces from forming inside the sub-domains. A hexahedral mesh was employed for all of the domains. Figure 3 shows the mesh that was constructed in the distributor and part of the runner. A dense mesh can be seen in complex passages, such as the guide vanes row, the inlet to the runner, the leading edge of the blade, etc. After the mesh scaling test, a total of 12.8 million nodes of hexahedral mesh elements were used for the turbine. Before the simulations were performed at the runaway operating condition, the mesh scaling tests and mesh performance tests were carried out. The scaling tests were carried out at the BEP operating condition of the turbine. The detailed results of the scaling test have been presented in a previous publication [4] . Table 3 shows the three different grid densities (fine, G1; medium, G2; and coarse, G3) that were used for the scaling test. The G3-type mesh was the coarsest mesh in the simulation. The subsequent mesh was updated in the i, j and k directions. The grid quality was refined at each step of grid creation so that the mesh nodes did not correspond exactly to a 2× increase. As the main focus of the present investigation was in the runner domain, the maximum number of nodes and the quality of the grid were maintained in the runner. The minimum angle of the elements for the fine, medium and coarse grids was 38, 41 and 23, respectively. Continuous blocks of a hexahedral mesh were constructed in each domain to prevent local interfaces from forming inside the sub-domains. A hexahedral mesh was employed for all of the domains. Figure 3 shows the mesh that was constructed in the distributor and part of the runner. A dense mesh can be seen in complex passages, such as the guide vanes row, the inlet to the runner, the leading edge of the blade, etc. After the mesh scaling test, a total of 12.8 million nodes of hexahedral mesh elements were used for the turbine. Before the simulations were performed at the runaway operating condition, the mesh scaling tests and mesh performance tests were carried out. The scaling tests were carried out at the BEP operating condition of the turbine. The detailed results of the scaling test have been presented in a previous publication [4] . Continuous blocks of a hexahedral mesh were constructed in each domain to prevent local interfaces from forming inside the sub-domains. A hexahedral mesh was employed for all of the domains. Figure 3 shows the mesh that was constructed in the distributor and part of the runner. A dense mesh can be seen in complex passages, such as the guide vanes row, the inlet to the runner, the leading edge of the blade, etc. After the mesh scaling test, a total of 12.8 million nodes of hexahedral mesh elements were used for the turbine. Before the simulations were performed at the runaway operating condition, the mesh scaling tests and mesh performance tests were carried out. The scaling tests were carried out at the BEP operating condition of the turbine. The detailed results of the scaling test have been presented in a previous publication [4] . Table 3 shows the three different grid densities (fine, G1; medium, G2; and coarse, G3) that were used for the scaling test. The G3-type mesh was the coarsest mesh in the simulation. The subsequent mesh was updated in the i, j and k directions. The grid quality was refined at each step of grid creation so that the mesh nodes did not correspond exactly to a 2× increase. As the main focus of the present investigation was in the runner domain, the maximum number of nodes and the quality of the grid were maintained in the runner. The minimum angle of the elements for the fine, medium and coarse grids was 38, 41 and 23, respectively. Table 3 shows the three different grid densities (fine, G 1 ; medium, G 2 ; and coarse, G 3 ) that were used for the scaling test. The G 3 -type mesh was the coarsest mesh in the simulation. The subsequent mesh was updated in the i, j and k directions. The grid quality was refined at each step of grid creation so that the mesh nodes did not correspond exactly to a 2ˆincrease. As the main focus of the present investigation was in the runner domain, the maximum number of nodes and the quality of the grid were maintained in the runner. The minimum angle of the elements for the fine, medium and coarse grids was 38, 41 and 23, respectively. The widely-accepted grid convergence index (GCI) method was used to evaluate the grid convergence. A method described by Celik [23] was used:
Grid Scaling Test
(i) The average mesh or grid size G of a cell in the domain is represented as:
where ∆V i is a cell volume and N is the total number of elements used for the simulation.
(ii) Simulations with three different densities of grids were performed for determining GCI. In this paper, the pressure at three locations, VL01, P42 and DT11, and hydraulic efficiency were considered as a variable, φ, for the computation of GCI.
(iii) The grid refinement factor (r) was computed as r "
The extrapolated values were calculated,
(vi) An approximate relative error was computed using Equation (4) (6) Table 4 shows the computed flow parameters based on the above procedure to determine the GCI. The pressure variation at the runner outlet locations DT11 and DT21 was observed to be periodically uniform after two revolutions of the runner for a time step of 0.5˝. Lower uncertainties were obtained using the medium grid density, particularly for the pressures at the runner at P42 (0.2%) and the draft tube at DT11 (0.005%). The estimation was based on a global average order of accuracy with a high resolution scheme. The apparent order of the solution ranged from 1.34 to 8.33. The pressure variation in the turbine was the critical parameter; thus, the numerical pressure was validated using the experimental values at VL01, P42 and DT11. The GCI from G 2 to G 1 was very low compared to that from G 3 to G 2 . A very small difference between the medium and fine grid was observed. The converged solution obtained using the medium grid was used in subsequent simulations at different operating conditions. Simulation at one operating condition takes 25 days with 192 processors. Therefore, an optimum approach was considered for further simulations, and the medium grid was selected. 
Mesh Performance under Normal Operating Conditions
The simulations for the mesh performance were carried out at five operating points. The performance of the numerical model during normal operating conditions is shown in Figure 4 . The difference between the experimental and numerical hydraulic efficiency is shown. The maximum difference between the experimental and numerical efficiencies was observed at a low discharge (Q = 0.07 m 3¨s´1 , α = 3.91˝) operating condition. The numerical hydraulic efficiency (standard k-ε) was 11.44% higher than the experimental efficiency. The lowest difference between the experimental and numeric results was 0.85% at the BEP (Q = 0.20 m 3¨s´1 and α = 9.84˝). The difference between the experimental and numerical efficiencies at the high discharge operating point (Q = 0.22 m 3¨s´1 , α = 12.44˝) was 2.87%. The SST k-ω model showed even a larger difference at all of the operating points. No difference for the second order advection scheme was seen with respect to the high resolution scheme. observed. The converged solution obtained using the medium grid was used in subsequent simulations at different operating conditions. Simulation at one operating condition takes 25 days with 192 processors. Therefore, an optimum approach was considered for further simulations, and the medium grid was selected. 
The simulations for the mesh performance were carried out at five operating points. The performance of the numerical model during normal operating conditions is shown in Figure 4 . The difference between the experimental and numerical hydraulic efficiency is shown. The maximum difference between the experimental and numerical efficiencies was observed at a low discharge (Q = 0.07 m 3 •s −1 , α = 3.91°) operating condition. The numerical hydraulic efficiency (standard k-ε) was 11.44% higher than the experimental efficiency. The lowest difference between the experimental and numeric results was 0.85% at the BEP (Q = 0.20 m 3 •s −1 and α = 9.84°). The difference between the experimental and numerical efficiencies at the high discharge operating point (Q = 0.22 m 3 •s −1 , α = 12.44°) was 2.87%. The SST k-ω model showed even a larger difference at all of the operating points. No difference for the second order advection scheme was seen with respect to the high resolution scheme. Overall, the selected turbulence models and mesh showed satisfactory performance. Better performance at BEP could be associated with the stable flow condition where the flow is expected to be attached. At operating conditions away from BEP, the turbulence models showed some difficulty in capturing the unsteady flow features. The models underestimated the losses, predicting a higher efficiency. The highest difference between the experimental and numerical results that were obtained Overall, the selected turbulence models and mesh showed satisfactory performance. Better performance at BEP could be associated with the stable flow condition where the flow is expected to Energies 2016, 9, 149 8 of 22 be attached. At operating conditions away from BEP, the turbulence models showed some difficulty in capturing the unsteady flow features. The models underestimated the losses, predicting a higher efficiency. The highest difference between the experimental and numerical results that were obtained at part load may be attributed to the difficulty of capturing the vortex breakdown that occurred in the draft tube cone.
The numerical hydraulic efficiency is higher than the corresponding experimental values at all of the operating points. The labyrinth seals at the runner crown and the band sides are not modeled; therefore, the numerical hydraulic efficiency does not account for the losses from leakage that generally occur during measurements. The mesh for the angular positions of 3.9˝, 9.9˝and 12.4˝of the guide vanes was used for the simulations performed at the runaway operating condition. Apart from standard k-ε and SST k-ω models, a hybrid Reynolds-averaged Navier-Stokes equations-Large Eddy Simulation RANS-LES turbulence model (SAS-SST) was employed for the runaway simulations. The hybrid model is based on the von Karman length scale for blending function formulation. Therefore, it is expected that this model will capture the unsteady flow features in the runner. The performance of this model was evaluated extensively by several authors for similar flow conditions [22, [24] [25] [26] [27] .
Results and Discussion
Average Pressure Loading
The experimental and numerical pressure values were compared at the sensor locations in the turbine. To obtain the numerical pressure values, six monitoring points were created that corresponded to the locations, VL01, P42, S51, P71, DT11 and DT21. Equation (7) was used to compute the pressure coefficient at the sensor locations at each operating point.
The mean value of the pressure signal (p) was obtained for over 20 revolutions of the runner. The reference pressure, (ρE) BEP , of 116.84 kPa corresponded to the hydraulic energy at the BEP. Table 2 shows the values of ρE at the runaway points. Figure 5 shows the computed values of the numerical (standard k-ε) and experimental pressure coefficients at the runaway operating points at angular positions of the guide vanes of 3.9˝, 9.9˝and 12.4˝. The numerical model shows pressure variation in close agreement with the experimental ones at the runaway conditions inside the turbine and at the sensor locations. However, the numerical model over-predicted the pressure at all of the locations except the draft tube. The differences between the numerical and experimental values for the pressure coefficient at VL01, P42, S51 and P71 were 10.5, 12.8, 10.4 and 8%, respectively, at the runaway condition (α = 9.9˝). The numerical pressure coefficient in the draft tube was 2.1% lower than the experimental value at both DT11 and DT21.
Similar differences between the numerical and experimental values of the pressure coefficient were found at the other two runaway points at an angular position of guide vanes of 3.9 and 12.4˝.
The mesh performance analysis was carried out at normal operating conditions: the minimum difference between the experimental and numerical pressure values occurred at the BEP (0.2 m 3¨s´1 , 9.9˝), and the maximum difference was observed at the part load condition (0.07 m 3¨s´1 , 3.9˝). The difference between the experimental and numerical pressure values at the runaway condition was similar to that for the part load condition where the flow was largely separated. At the runaway condition, the flow is unsteady and highly separated, particularly in the runner. Therefore, the difference between the experimental and numerical pressure values at all of the runaway points could be attributed to the inadequacy of the turbulence model for accurately describing unsteady flow. The losses from the separating flow may have been underestimated by the numerical model, resulting in an over-prediction of the pressure. The performance of three turbulence models, standard k-ε, SST k-ω and SAS-SST, at the runaway operating condition, α = 9.9°, is shown in Figure 6 . The SAS-SST model shows similar behavior to the standard k-ε and SST k-ω at this operating condition. The average pressure loading on the blade surfaces and the runner downstream is almost similar for all of the selected turbulence models. The pressures values are averaged over ten revolutions of the runner. Further analysis in the paper is presented with the SAS-SST model. Figure 7 shows the pressure distribution on the blade surfaces. The figure shows the pressure coefficient contours on the blade pressure side and the suction side during the runaway condition (α = 12.4°). The pressure coefficient was determined using the same reference value used in Figure 5 . The value of p c changed uniformly from a maximum value of 1.3 at the leading edge to a minimum The performance of three turbulence models, standard k-ε, SST k-ω and SAS-SST, at the runaway operating condition, α = 9.9˝, is shown in Figure 6 . The SAS-SST model shows similar behavior to the standard k-ε and SST k-ω at this operating condition. The average pressure loading on the blade surfaces and the runner downstream is almost similar for all of the selected turbulence models. The pressures values are averaged over ten revolutions of the runner. Further analysis in the paper is presented with the SAS-SST model. The performance of three turbulence models, standard k-ε, SST k-ω and SAS-SST, at the runaway operating condition, α = 9.9°, is shown in Figure 6 . The SAS-SST model shows similar behavior to the standard k-ε and SST k-ω at this operating condition. The average pressure loading on the blade surfaces and the runner downstream is almost similar for all of the selected turbulence models. The pressures values are averaged over ten revolutions of the runner. Further analysis in the paper is presented with the SAS-SST model. Figure 7 shows the pressure distribution on the blade surfaces. The figure shows the pressure coefficient contours on the blade pressure side and the suction side during the runaway condition (α = 12.4°). The pressure coefficient was determined using the same reference value used in Figure 5 . The value of p c changed uniformly from a maximum value of 1.3 at the leading edge to a minimum (α = 12.4˝). The pressure coefficient was determined using the same reference value used in Figure 5 . The value of r c p changed uniformly from a maximum value of 1.3 at the leading edge to a minimum value of´0.3 at the blade trailing edge. The maximum value of pressure coefficient (r c p = 1.3) can be seen at the suction side of the blade leading edge, which corresponds to a numerical pressure of 278 kPa. The pressure coefficients at P42, S51 and P71 were 0.15,´0.13 and´0.28, respectively. The numerical absolute pressure value for the lowest value of r c p at the trailing edge was 89 kPa. 
Time Domain Pressure Loading
The instantaneous pressure variation with respect to the runner angular movement was investigated. One of the runaway points, α = 9.9°, was considered because hydraulic turbines are usually operated at the BEP at which the total load rejection is observed largely. However, it is difficult to locate the exact position of the guide vane when a runner speed increases in the prototype. Immediately after the total load rejection, the guide vane starts closing, and at the same time, the runner starts accelerating.
The time-dependent experimental and numerical pressure signals are shown. Figure 8 shows the variation in the pressure at VL01 at the BEP and the runaway operating conditions. The pressure-time signals for one second are shown, which corresponded to 5.53 and 8.74 revolutions of the runner at the BEP and the runaway conditions, respectively. The experimental pressure signal at the runaway condition was compared to the numerically-obtained pressure signal at the same operating point. The experimental and numerical pressure values were normalized using Equation (8). The fluctuating pressure ( * E p ) was obtained by subtracting the instantaneous pressure (p) from the mean pressure ( p ) and normalized by the reference pressure (ρE)BEP.
At the runaway operating condition, the amplitudes of the pressure fluctuations were approximately 2.3-times that of the BEP operating condition in the vaneless space. This amplitude corresponded to the blade passing frequency (fb). The amplitudes of the runaway numerical pressure fluctuations were 2% to 5% higher than the experimental values. The instantaneous variation of the pressure at VL01 during a complete rotation of the runner is shown in Figure 9 . The runner angular position (n * ) was normalized using the time vector (t) of the pressure value and the runaway speed (nR) of the runner, as shown in Equation (9):
where n is the runner angular seed in revolutions per second and Zb and Zgv are the numbers of blades and guide vanes, respectively. At VL01, the pressure fluctuations that corresponded to the blade 
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where n is the runner angular seed in revolutions per second and Z b and Z gv are the numbers of blades and guide vanes, respectively. At VL01, the pressure fluctuations that corresponded to the blade passing frequency (f b = 262.2 Hz) were related to the RSI. The maximum difference between the experimental and numerical pressure amplitudes was 5%. However, the numerical amplitude of 262.2 Hz matched the experimental values fairly well, and a 5% variation was observed for its harmonic, i.e., 131.1 Hz. Figures 10 and 11 compare the experimental and numerical values of the instantaneous pressure in the runner at the runaway operating condition ( = 9.9°) at the blade pressure side (P42) and the trailing edge (P71), respectively. The instantaneous pressure fluctuations at the runner corresponded to the guide vanes' passing frequency (fgv = 244.7 Hz). The maximum amplitude was observed at this frequency at both locations. The instantaneous amplitude of the experimental pressure fluctuations varied primarily with the angular movement of the runner, whereas the amplitude of the numerical pressure fluctuations was almost uniform over a complete angular rotation. The numerical model could not account for the influence of the service pumps, travelling/gravity waves from the upstream pressure tanks and other related effects that were generally observed experimentally. The maximum dimensionless amplitudes of the experimental and numerical pressure values at P42 were 0.06 and 0.05, respectively. A similar variation was observed at the blade trailing edge at P71, where the maximum amplitudes for the experimental and numerical pressures were 0.02 and 0.01, respectively. The amplitudes were approximately 2.5-times those observed at the BEP [4] . passing frequency (fb = 262.2 Hz) were related to the RSI. The maximum difference between the experimental and numerical pressure amplitudes was 5%. However, the numerical amplitude of 262.2 Hz matched the experimental values fairly well, and a 5% variation was observed for its harmonic, i.e., 131.1 Hz. Figures 10 and 11 compare the experimental and numerical values of the instantaneous pressure in the runner at the runaway operating condition ( = 9.9°) at the blade pressure side (P42) and the trailing edge (P71), respectively. The instantaneous pressure fluctuations at the runner corresponded to the guide vanes' passing frequency (fgv = 244.7 Hz). The maximum amplitude was observed at this frequency at both locations. The instantaneous amplitude of the experimental pressure fluctuations varied primarily with the angular movement of the runner, whereas the amplitude of the numerical pressure fluctuations was almost uniform over a complete angular rotation. The numerical model could not account for the influence of the service pumps, travelling/gravity waves from the upstream pressure tanks and other related effects that were generally observed experimentally. The maximum dimensionless amplitudes of the experimental and numerical pressure values at P42 were 0.06 and 0.05, respectively. A similar variation was observed at the blade trailing edge at P71, where the maximum amplitudes for the experimental and numerical pressures were 0.02 and 0.01, respectively. pressure fluctuations was almost uniform over a complete angular rotation. The numerical model could not account for the influence of the service pumps, travelling/gravity waves from the upstream pressure tanks and other related effects that were generally observed experimentally. The maximum dimensionless amplitudes of the experimental and numerical pressure values at P42 were 0.06 and 0.05, respectively. A similar variation was observed at the blade trailing edge at P71, where the maximum amplitudes for the experimental and numerical pressures were 0.02 and 0.01, respectively. The amplitudes were approximately 2.5-times those observed at the BEP [4] . Figure 12 shows the instantaneous pressure fluctuations in the draft tube cone (DT21) over a complete rotation of the runner for the runaway operating point  = 9.9°. In the draft tube at DT21, the numerical pressure fluctuations were up to 13% lower than the experimental values. The computed fluctuations corresponded to a blade passing frequency of 262.2 Hz in the draft tube. The amplitude of the blade passing frequency was nine-times lower than that observed at VL01. The low value of the pressure fluctuations ( * E p < 0.01) in the draft tube was attributed to the low operating pressure (≅103 kPa) and the high reference pressure (ρE = 116.84 kPa) that were used to normalize the pressure-time signal (see Equation (8)). The maximum instantaneous difference between the experimental and numerical pressure fluctuations occurred in the draft tube. A high amplitude of 0.06 was observed in the vaneless space at the blade passing frequency. At the runner locations P42, S51 and P71, the maximum amplitudes of the guide vanes' passing frequency were 0.05, 0.04 and 0.02, respectively. Comparing the experimental and numerical values shows that the instantaneous pressure difference increased as the flow became more unsteady, i.e., from VL01 to DT21. The pressure pulsations correspond to the specific frequencies observed at different locations of the turbine. Therefore, a spectral analysis of the pressure-time signals has been carried out and discussed in the following section. Figure 12 shows the instantaneous pressure fluctuations in the draft tube cone (DT21) over a complete rotation of the runner for the runaway operating point  = 9.9°. In the draft tube at DT21, the numerical pressure fluctuations were up to 13% lower than the experimental values. The computed fluctuations corresponded to a blade passing frequency of 262.2 Hz in the draft tube. The amplitude of the blade passing frequency was nine-times lower than that observed at VL01. The low value of the pressure fluctuations ( * E p < 0.01) in the draft tube was attributed to the low operating pressure (≅103 kPa) and the high reference pressure (ρE = 116.84 kPa) that were used to normalize the pressure-time signal (see Equation (8)). The maximum instantaneous difference between the experimental and numerical pressure fluctuations occurred in the draft tube. A high amplitude of 0.06 was observed in the vaneless space at the blade passing frequency. At the runner locations P42, S51 and P71, the maximum amplitudes of the guide vanes' passing frequency were 0.05, 0.04 and 0.02, respectively. Comparing the experimental and numerical values shows that the instantaneous pressure difference increased as the flow became more unsteady, i.e., from VL01 to DT21. The pressure pulsations correspond to the specific frequencies observed at different locations of the turbine. Therefore, a spectral analysis of the pressure-time signals has been carried out and discussed in the following section. Figure 12 shows the instantaneous pressure fluctuations in the draft tube cone (DT21) over a complete rotation of the runner for the runaway operating point α = 9.9˝. In the draft tube at DT21, the numerical pressure fluctuations were up to 13% lower than the experimental values. The computed fluctuations corresponded to a blade passing frequency of 262.2 Hz in the draft tube. The amplitude of the blade passing frequency was nine-times lower than that observed at VL01. The low value of the pressure fluctuations (pE < 0.01) in the draft tube was attributed to the low operating pressure (-103 kPa) and the high reference pressure (ρE = 116.84 kPa) that were used to normalize the pressure-time signal (see Equation (8)). The maximum instantaneous difference between the experimental and numerical pressure fluctuations occurred in the draft tube. 
Spectral Analysis
A power spectral density (PSD) analysis of the pressure-time signals was performed for all of the points at the runaway conditions. Figure 13 shows the PSD analysis of the pressure-time signals that were obtained for the runaway operating condition at an angular position of the guide vanes of 9.9°. The experimental and numerical frequency spectra at the pressure measurement at locations VL01, P42, S51, P71, DT11 and DT21 are compared in the figure. The pressure-time data of the measurement were processed through a designed filter in MATLAB to enhance the visualization of the investigated frequencies and the corresponding amplitudes. The frequencies that were not related to the flow were filtered out, i.e., noise, vibrations and frequencies of the electrical power (50 and 100 Hz). The MATLAB designed "bandpass" and "band stop" filter were used to filter out the frequencies [28] .
The turbine consisted of 28 guide vanes and 30 blades, including 15 splitters. The obtained frequencies were normalized by the angular speed of the runner (nR = 8.74 Hz). Therefore, a dimensionless frequency (fn) of 15 with its harmonics was used to represent the blade passing frequency in the stationary domains, and a dimensionless frequency of 28 with its harmonics was used to represent the guide vanes' passing frequency in the rotating domain. The amplitudes of these frequencies were normalized using Equation (5) . Thus, the dimensionless frequency and amplitude are discussed in this section.
In the vaneless space (VL01), two frequencies of 15 and 30 were observed with high amplitude pressure fluctuations. The frequency of 15 corresponded to the sub-harmonic of the blade passing frequency. The blade passing frequency had a maximum amplitude of 0.05. These two frequencies were also obtained by analyzing the numerical pressure-time data at VL01. However, the frequencies had different amplitudes. The amplitude for the blade passing frequency was approximately 29% lower than the experimental value.
A spectral analysis of the numerical and experiment pressure-time signals acquired from the runner blade sensors at P42, S52 and P71 yielded a guide vane passing frequency of 28 at the maximum amplitude. At P42, the numerical amplitude of the guide vane passing frequency was 3% higher than the corresponding experimental value (0.024). For S51 and P71, the numerical amplitudes were 2 and 5% higher, respectively, than the experimental values. No other frequency with such a high amplitude was observed in the runner. However, the amplitude of the guide vane passing frequency at the runaway condition was more than two-times the amplitude at the BEP.
At DT11 and DT21 in the draft tube, a high-amplitude (0.002) blade passing frequency (fn = 15) was observed numerically. The amplitude of the numerical pressure-time data was approximately 12% higher than the corresponding experimental value. Another dimensionless frequency of 30, the first harmonic, was observed for both numerical and experimental data. No other frequency related to the vortex rope or axial pressure pulsations was observed in the spectral analysis of the data from DT11 and DT21. A vortex rope may not have developed under these conditions because the discharge to the runner was extremely low, and the runner was rotating at the runaway speed, which was more than 150% of the synchronous speed. A high amplitude of 0.06 was observed in the vaneless space at the blade passing frequency. At the runner locations P42, S51 and P71, the maximum amplitudes of the guide vanes' passing frequency were 0.05, 0.04 and 0.02, respectively. Comparing the experimental and numerical values shows that the instantaneous pressure difference increased as the flow became more unsteady, i.e., from VL01 to DT21. The pressure pulsations correspond to the specific frequencies observed at different locations of the turbine. Therefore, a spectral analysis of the pressure-time signals has been carried out and discussed in the following section.
A power spectral density (PSD) analysis of the pressure-time signals was performed for all of the points at the runaway conditions. Figure 13 shows the PSD analysis of the pressure-time signals that were obtained for the runaway operating condition at an angular position of the guide vanes of 9.9˝. The experimental and numerical frequency spectra at the pressure measurement at locations VL01, P42, S51, P71, DT11 and DT21 are compared in the figure. The pressure-time data of the measurement were processed through a designed filter in MATLAB to enhance the visualization of the investigated frequencies and the corresponding amplitudes. The frequencies that were not related to the flow were filtered out, i.e., noise, vibrations and frequencies of the electrical power (50 and 100 Hz). The MATLAB designed "bandpass" and "band stop" filter were used to filter out the frequencies [28] .
The turbine consisted of 28 guide vanes and 30 blades, including 15 splitters. The obtained frequencies were normalized by the angular speed of the runner (n R = 8.74 Hz). Therefore, a dimensionless frequency (f n ) of 15 with its harmonics was used to represent the blade passing frequency in the stationary domains, and a dimensionless frequency of 28 with its harmonics was used to represent the guide vanes' passing frequency in the rotating domain. The amplitudes of these frequencies were normalized using Equation (5) . Thus, the dimensionless frequency and amplitude are discussed in this section.
At DT11 and DT21 in the draft tube, a high-amplitude (0.002) blade passing frequency (f n = 15) was observed numerically. The amplitude of the numerical pressure-time data was approximately 12% higher than the corresponding experimental value. Another dimensionless frequency of 30, the first harmonic, was observed for both numerical and experimental data. No other frequency related to the vortex rope or axial pressure pulsations was observed in the spectral analysis of the data from DT11 and DT21. A vortex rope may not have developed under these conditions because the discharge to the runner was extremely low, and the runner was rotating at the runaway speed, which was more than 150% of the synchronous speed. 
Unsteady Flow in the Runner
A small difference between the experimental and numerical results provided us with the confidence for further investigation into the complex flow passage of the runner. The turbine runner includes 15 splitters and 15 blades. The blades are highly twisted, which make a turn of 178° from the leading edge to the trailing edge. The length of the splitter is half of the blade. The analysis of the flow field in the runner showed that there was a swirling flow in the blade passages at the runaway 
A small difference between the experimental and numerical results provided us with the confidence for further investigation into the complex flow passage of the runner. The turbine runner includes 15 splitters and 15 blades. The blades are highly twisted, which make a turn of 178˝from the leading edge to the trailing edge. The length of the splitter is half of the blade. The analysis of the flow field in the runner showed that there was a swirling flow in the blade passages at the runaway operating conditions. Figure 14 shows the velocity distribution contours near the surface of the runner crown at the BEP and the runaway condition at a guide vane angular position of 9.9˝. A new plane was created 5 mm below the crown to extract the velocity distribution near the crown. The flow field is shown in the rotating frame of reference. The velocity contours are shown at the instant after 10 revolutions of the runner, i.e., t = 1.81 and 1.14 s, for the BEP and the runaway condition, respectively. The same mesh was used for the simulation at both operating conditions. At the BEP, a uniform velocity distribution was obtained for the blade passages, and the flow was almost streamlined, whereas a non-uniform flow field was observed at the runaway condition. The flow field in the blade passages evolved with time and the angular movement of the runner. In the following, a blade passage starts from the pressure side of a blade and ends at the suction side of the opposite blade. Each passage makes an angle of 24° (=360°/15 passages), from the pressure side of a blade to the suction side of a splitter (i.e., 12°) and the pressure side of the splitter to the suction side of the opposite blade (i.e., 12°). During the runaway operating condition ( = 9.9°), a high relative velocity (~10 m•s −1 ) was obtained near the blade suction side from the runner upstream to the downstream. In the runner, the area of the blade passage decreased from the inlet to the outlet, and the fluid velocity also appeared to simultaneously decrease along the passage. The large variation in the relative velocity in the passage could have produced an unsteady flow. The flow appeared to accelerate near the suction side and decelerate at the pressure side. The runner rotated under a no load condition at a significantly high speed and a low discharge. Figure 14 . Contours of the velocity distribution near the surface of the runner crown at BEP and runaway ( = 9.9°) operating conditions; the contours are in a rotating frame of reference, and a logarithmic scale is shown. Figure 15 shows the velocity streamlines on the runner crown surface at the same instant (i.e., t = 1.14 s) at the runaway operating condition ( = 9.9°). Three regions with a vortical flow can be observed. Two regions were at the inlet of the blade passage and are marked as "1" and "2"; a third region marked as "3" was located between the splitter suction side and the blade pressure side, near the splitter trailing edge. The rotating direction of the vortical flow in Regions 1 and 2 was opposite the direction of the runner rotation, whereas the direction of the vortical flow in Region 3 was the same as the runner rotation. Similar vortical regions were observed for all of the blade passages of the runner. Figure 15 . Flow streamlines near the crown surface at the runaway operating condition ( = 9.9), where the velocity distribution shown is in the rotating frame of reference; ω corresponds to the Figure 14 . Contours of the velocity distribution near the surface of the runner crown at BEP and runaway (α = 9.9˝) operating conditions; the contours are in a rotating frame of reference, and a logarithmic scale is shown.
In the following, a blade passage starts from the pressure side of a blade and ends at the suction side of the opposite blade. Each passage makes an angle of 24˝(=360˝/15 passages), from the pressure side of a blade to the suction side of a splitter (i.e., 12˝) and the pressure side of the splitter to the suction side of the opposite blade (i.e., 12˝). During the runaway operating condition (α = 9.9˝), a high relative velocity (~10 m¨s´1) was obtained near the blade suction side from the runner upstream to the downstream. In the runner, the area of the blade passage decreased from the inlet to the outlet, and the fluid velocity also appeared to simultaneously decrease along the passage. The large variation in the relative velocity in the passage could have produced an unsteady flow. The flow appeared to accelerate near the suction side and decelerate at the pressure side. The runner rotated under a no load condition at a significantly high speed and a low discharge. Figure 15 shows the velocity streamlines on the runner crown surface at the same instant (i.e., t = 1.14 s) at the runaway operating condition (α = 9.9˝). Three regions with a vortical flow can be observed. Two regions were at the inlet of the blade passage and are marked as "1" and "2"; a third region marked as "3" was located between the splitter suction side and the blade pressure side, near the splitter trailing edge. The rotating direction of the vortical flow in Regions 1 and 2 was opposite the direction of the runner rotation, whereas the direction of the vortical flow in Region 3 was the same as the runner rotation. Similar vortical regions were observed for all of the blade passages of the runner.
logarithmic scale is shown. Figure 15 shows the velocity streamlines on the runner crown surface at the same instant (i.e., t = 1.14 s) at the runaway operating condition ( = 9.9°). Three regions with a vortical flow can be observed. Two regions were at the inlet of the blade passage and are marked as "1" and "2"; a third region marked as "3" was located between the splitter suction side and the blade pressure side, near the splitter trailing edge. The rotating direction of the vortical flow in Regions 1 and 2 was opposite the direction of the runner rotation, whereas the direction of the vortical flow in Region 3 was the same as the runner rotation. Similar vortical regions were observed for all of the blade passages of the runner. Figure 16 shows the instantaneous variation in the flow field in the rotating frame that is marked by a rectangle in Figure 16 . The velocity streamlines on the runner crown are shown for a total time of 0.0076 s (i.e., a 24˝angular movement of the runner), and the color scale is the same as that shown in Figure 16 Figure 17 shows the streamlines in a meridional plane for the same blade passage at an instant in time (t = 1.1442 s). A total of six sections are shown ranging from 0 to 24˝. At the meridional plane at 0˝, i.e., the suction side of the blade, the flow generally accelerated downstream, and a small vortical region was observed near the crown. At the meridional plane at 6˝, i.e., the middle of the blade channel, the development of a large vortical region that rotated in the clockwise direction was clearly observed. The flow at the crown side accelerated more than at the band side, which may have created a large pressure difference in the channel, causing the flow to recirculate. The entire vortical flow region was pushed to the down side of the passage by the angular motion of the runner. At the meridional plane at 10˝, i.e., the pressure side of the splitter, the flow accelerated from the crown to the band side. At the meridional plane at 14˝, i.e., the suction side of the splitter, the flow field was almost similar to that observed at the 0˝plane. At the meridional plane at 18˝, i.e., the middle of the blade channel, reversed flow was observed. A portion of the flow accelerated to the down side, while another portion of the flow flowed back to the up side, and a swirling region developed near the crown. The swirling flow rotated in a clockwise direction. At the meridional plane of 24˝, i.e., the pressure side of the next blade, the flow was fairly similar to that observed at the 10˝plane. In summary, a strong secondary flow was created in the blade channels, producing considerable losses and pressure fluctuations.
trailing edge. At an angular position of 0°, Vortical Region 1 began to form, and Vortical Region 2 had already developed because of the previous angular movement. At the splitter leading edge, i.e., the stagnation point, the flow separated into three directions (see the blade passage at t = 1. Figure 16 for the passage includes the blade pressure side, the splitter suction side, the splitter pressure side and the blade suction side; the streamlined color scale is similar to Figure 15 in the rotating frame of reference. Figure 17 shows the streamlines in a meridional plane for the same blade passage at an instant in time (t = 1.1442 s). A total of six sections are shown ranging from 0 to 24°. At the meridional plane at 0°, i.e., the suction side of the blade, the flow generally accelerated downstream, and a small vortical region was observed near the crown. At the meridional plane at 6°, i.e., the middle of the blade channel, the development of a large vortical region that rotated in the clockwise direction was clearly observed. The flow at the crown side accelerated more than at the band side, which may have created a large pressure difference in the channel, causing the flow to recirculate. The entire vortical flow region was pushed to the down side of the passage by the angular motion of the runner. At the meridional plane at 10°, i.e., the pressure side of the splitter, the flow accelerated from the crown to Figure 16 . Time-dependent variation in the flow field on the runner surface crown during an angular movement of the runner of 24˝at the runaway speed (α = 9.9˝); this zoom of the rectangle marked in Figure 16 for the passage includes the blade pressure side, the splitter suction side, the splitter pressure side and the blade suction side; the streamlined color scale is similar to Figure 15 in the rotating frame of reference.
Energies 2016, 9, 149 17 of 22 the band side. At the meridional plane at 14°, i.e., the suction side of the splitter, the flow field was almost similar to that observed at the 0° plane. At the meridional plane at 18°, i.e., the middle of the blade channel, reversed flow was observed. A portion of the flow accelerated to the down side, while another portion of the flow flowed back to the up side, and a swirling region developed near the crown. The swirling flow rotated in a clockwise direction. At the meridional plane of 24°, i.e., the pressure side of the next blade, the flow was fairly similar to that observed at the 10° plane. In summary, a strong secondary flow was created in the blade channels, producing considerable losses and pressure fluctuations. Unsteady flow in the blade passage was observed at the runaway operating condition. The flow field may have been primarily driven by the pressure difference that developed in the blade channel along the passage length from the inlet to the outlet. On the pressure side surfaces, the flow generally traveled from the band to the crown and then accelerated to the down side of the channel. On the suction side, the flow accelerated from the crown to the band side and divided into two directions, the up and down sides of the channel. The strongest swirling flow was observed in the middle of the channel and rotated in the clockwise direction. The direction of rotation was driven by the pressure difference between the crown and band, because the flow accelerated more at the crown side than the band side.
Meridional plane at 0°
Meridional plane at 6° Meridional plane at 10°
Meridional plane at 14° Meridional plane at 18° Meridional plane at 24° Figure 17 . Flow field for the meridional planes of the runner at the instant t = 1.1442 s; the planes at 0, 10, 14 and 24° indicate the suction side of the blade, the pressure side of the splitter, the suction side of the splitter and the pressure side of the next blade, respectively; the planes at 6 and 18° indicate the middle of the two blade channels; bold arrows indicate the flow direction from/to the swirling regions; the color scales of the streamlines are similar to those used in Figure 15 in the rotating frame of reference.
A grid of numerical points was created on the meridional plane at the blade pressure and the suction sides to monitor the pressure variation related to the angular motion of the runner. Some of the grid points are shown in Figure 18 . A PSD analysis was performed on all of the numerical pressure-time signals obtained from the grid points. A dimensionless frequency (fswirl) of 4.8 (42.24 Hz) was obtained at all of the locations, and the maximum amplitude was observed at two locations, S31 and P32. Figure 19 shows the spectral analysis of the pressure-time signals at S31. The dimensionless Figure 17 . Flow field for the meridional planes of the runner at the instant t = 1.1442 s; the planes at 0, 10, 14 and 24˝indicate the suction side of the blade, the pressure side of the splitter, the suction side of the splitter and the pressure side of the next blade, respectively; the planes at 6 and 18˝indicate the middle of the two blade channels; bold arrows indicate the flow direction from/to the swirling regions; the color scales of the streamlines are similar to those used in Figure 15 in the rotating frame of reference.
Unsteady flow in the blade passage was observed at the runaway operating condition. The flow field may have been primarily driven by the pressure difference that developed in the blade channel along the passage length from the inlet to the outlet. On the pressure side surfaces, the flow generally traveled from the band to the crown and then accelerated to the down side of the channel. On the suction side, the flow accelerated from the crown to the band side and divided into two directions, the up and down sides of the channel. The strongest swirling flow was observed in the middle of the channel and rotated in the clockwise direction. The direction of rotation was driven by the pressure difference between the crown and band, because the flow accelerated more at the crown side than the band side.
A grid of numerical points was created on the meridional plane at the blade pressure and the suction sides to monitor the pressure variation related to the angular motion of the runner. Some of the grid points are shown in Figure 18 . A PSD analysis was performed on all of the numerical pressure-time signals obtained from the grid points. A dimensionless frequency (f swirl ) of 4.8 (42.24 Hz) was obtained at all of the locations, and the maximum amplitude was observed at two locations, S31 and P32. Figure 19 shows the spectral analysis of the pressure-time signals at S31. The dimensionless numerical amplitude of the frequency f swirl was 0.015, which corresponded to an absolute value of 1.8 kPa. The dimensionless frequency of 4.8 corresponded to the angular movement of the runner of 74.5˝, which matched the angle of the maximum vorticity, as was discussed for the angular movement of the blade passage. Figure 17 shows the strong effect of the vortical flow at S31 and P32 at the instantaneous angular positions of 10 and 18˝, respectively. A short-time Fourier transform (STFT) analysis was also performed on all of the points around P32 and S32 to investigate the time-dependent variation of the dimensionless frequency of 4.8. The maximum amplitude of this frequency was observed at S31 (see Figure 20) . The amplitude varied with time/the angular movement of the runner. Surprisingly, this amplitude was higher than that of the guide vane passing frequency (fgv), indicating the strong effect of the secondary swirling flow in the runner at the runaway operating conditions. A short-time Fourier transform (STFT) analysis was also performed on all of the points around P32 and S32 to investigate the time-dependent variation of the dimensionless frequency of 4.8. The maximum amplitude of this frequency was observed at S31 (see Figure 20) . The amplitude varied with time/the angular movement of the runner. Surprisingly, this amplitude was higher than that of the guide vane passing frequency (fgv), indicating the strong effect of the secondary swirling flow in the runner at the runaway operating conditions. A short-time Fourier transform (STFT) analysis was also performed on all of the points around P32 and S32 to investigate the time-dependent variation of the dimensionless frequency of 4.8. The maximum amplitude of this frequency was observed at S31 (see Figure 20) . The amplitude varied with time/the angular movement of the runner. Surprisingly, this amplitude was higher than that of the guide vane passing frequency (f gv ), indicating the strong effect of the secondary swirling flow in the runner at the runaway operating conditions. from vortical flow regions. 
Conclusions
A runaway operating condition is one of the most damaging conditions for hydraulic turbines, because the associated pressure fluctuations have extremely high amplitudes, and the runner operates at a very high speed. The unsteady pressure loading in the turbine during the runaway operating condition more than doubles relative to normal operating conditions. Consequently, the runner vibrations are high because the runner rotates at a high speed with no load. The unsteady pressure loading at different locations of the turbine was investigated numerically and validated. Three operating points of the runaway condition over the turbine operating range were investigated.
Similar differences between the experimental and numerical dimensionless pressure coefficients were obtained at the investigated points of the runaway condition. A maximum difference of 12.8% between the experimental and numerical results was observed in the runner. This result could be attributed to the under-prediction of the losses from flow separation in the runner. The deviation may be attributed to the variation in capturing the flow unsteadiness (a rotating stall-type condition) due to the large grid size at some locations of the turbine. However, the difference between the experimental and numerical values was within the band of numerical uncertainties that was estimated in the mesh performance analysis. In the draft tube, a moderate pressure difference of 2.1% was observed. Moderate differences between the time-averaged experimental and numerical pressure values were found for the vaneless space and the runner. A PSD analysis of the time-averaged pressure signal for the vaneless space yielded an extremely high amplitude at the runaway condition, which was 2.8-times the amplitude observed at the BEP.
Three turbulence models, standard k-ε, SST k-ω and SAS-SST, were used for the numerical simulations at the runaway condition. The SAS-SST model was used for detailed analysis in the turbine as this hybrid model has the advantage of capturing unsteady flow features over standard k-ε and SST k-ω models. A detailed analysis of the flow field in the runner showed a generally unstable and unsteady vortical flow in the blade passages during the runaway operating condition. The vortical flow was observed at three locations for each blade passage. At two of the locations, the flow rotated in a counter clockwise direction, and at one location, the flow rotated in the same direction as the runner, i.e., clockwise. The frequency of the vortical flow was 4.8¨n R , which corresponded to an angular movement of the runner of 74.5˝at the runaway speed (n R = 8.74 s´1). A PSD analysis of the numerical pressure signal at these locations yielded similar frequencies, indicating the presence of swirling flow with an absolute amplitude of 1.8 kPa. The amplitude was more than twice that of the guide vanes' passing frequency in the swirling flow regions. Thus, the unsteady flow that resulted from the rotating swirl at a frequency of 4.8¨n R was observed at the runaway operating conditions where the pressure and velocity distribution was non-uniform, as was observed under normal operating conditions. This behavior may have been one of the causes of the high-amplitude unsteady pressure loading. The unsteady pressure loading induce fatigue to the blades, which affects the operating life of the turbine runner, specifically when the transition from total load rejection to the runaway condition takes place.
Future Work
A detailed study of the high head model Francis turbine was conducted. Both experimental and numerical studies showed the strong effect of rotor stator interaction in the turbine at runaway speed. The numerical study also indicated the rotating stall-type condition in the runner. Such challenging flow conditions may cause significant damage to the turbine runner and induce fatigue damage. In order to investigate in detail, further investigations and blade optimizations are needed. The present investigations do not account for the cavitation condition. Therefore, future measurements would include cavitation and measurements at significantly affected areas in the runner, as observed in Figures 16 and 17 . By taking advantage of the improvement in numerical techniques and the implementation in ANSYS CFX, automatic optimization would be possible using this data. The blade profile can be improved further. The improved blade profile would benefit the stable operation of the turbines.
